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In this work, a numerical analysis for observing the proficiency of reciprocating compressors used in CNG
(Compressed Natural Gas) stations is studied thermodynamically for ideal model and real one. AGA8
state equation is intended for modeling real gas. The analysis is carried out on the basis of the entropy
concept. To investigate effects of important design factors on entropy generation, isentropic and exergy
efficiencies, a numerical method is developed. The considered design factors are clearance, angular speed,
pressure ratio and input and output valve areas. In this analysis, the compressor cylinder is presumed as
control volume, and methane is also chosen as the natural gas and modeled as both an ideal gas and real
one. The results highlight that with increasing angular speed, entropy generating increases and conse-
quently exergy and isentropic efficiencies decrease, while increase in clearance acquires the inverse
results. Furthermore, it will reach to higher efficiency, if input valve area is considered more than output
valve area. For instance, with choosing a suitable proportion, efficiency can increase as much as 6.47%.

� 2017 Elsevier Ltd. All rights reserved.
1. Introduction Using in CNG (Compressed Natural Gas) stations to compress
Reciprocating compressor type is employed in lots of industries
such as gas transmission pipelines petrochemical plants and
refineries. They are machines that have positive displacement.
With converting rotating motion of crank to reciprocating
displacement of piston, they cause working fluid compress and
displace. To deliver gases at high pressure reciprocating one is a
really suitable choice. This type of compressors has many advan-
tages, such as (1) simplicity of the principle; (2) acceptance of wide
variations in input and output conditions and (3) achieve a high
compression ratio [1].
gas is an outstanding application of reciprocating ones. In CNG sta-
tions, compressors, which are three or four stages, are applied to
compress the gas from a low pressure (about 0.5 MPa) to a much
more amount (20 MPa to 25 MPa) [2,3]. A substantial part of initial
investment and maintenance costs of these stations are related to
this type of compressor. In addition, relatively high power con-
sumption is another main problem of this compressor type in
CNG stations [3]. As regard to being worth fuels, an accurate simu-
lation of the related compressors could ameliorate design parame-
ters so as to enhance efficiency and subsequently reduce power
consumption.

The reciprocating compressor type has been investigated
extensively to modify their performance. For predicting the correct
estimate of thermodynamic properties into cylinder such as
in-cylinder temperature, pressure, motions of valves and mass in
the completed compressor cycle, a few models were investigated
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Nomenclature

a lengths of rod (m)
A area (m2)
Cd orifice discharge coefficient
cp; cv constant pressure & volume specific heats (kJ/kg K)
D diameter (m)
g gravitational acceleration (m/s2)
h specific enthalpy (kJ/kg)
L crank [m]
_m mass flow rate (kg/s)
M Molecular weight (kg/kmol)
P pressure (bar or Pa)
_Q heat transfer rate (kW)
St stroke (m)
S entropy (kJ/K)
T Temperature (K or �C)
t time (s)
u internal energy (kJ/kg)
t specific volume (m3/kg)
V volume (m3)
V0 dead volume (m3)

Ve velocity (m/s)
W actual work (kJ/kg)
_W actual work rate (kW or MW)
x displacement (m)
z height (m)
q density (kg/m3)
x angular speed (rad/s)
a heat transfer coefficient (W m2/K)
h Degree (deg)

Subscript
d discharge condition
cv control volume condition
ex exergy
gen generation
isen isentropic
ref reference
s suction condition
p piston
0 ambient
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[4–8]. In one research, a universal method so as to study recipro-
cating compressors proficiency was presented by Stouffs et al.
[4]. In another study, for predicting power consumption and the
thermodynamic factors of this compressor type during compres-
sion process, a numerical simulation was presented by Damle
et al. [5]. A comprehensive numerical model of fluid dynamic and
thermal demeanour related to reciprocating compressors was also
developed by Farzaneh-Gord et al. [7], which is employed in CNG
stations. Besides this, the special effects of described design factors
on the requisite work used for compressing gas, and variations of
in-cylinder thermodynamic properties have been observed too.
Furthermore, Farzaneh-Gord et al. [8] investigated the influences
of compositions of different natural gas on proficiency of recipro-
cating type of compressor with using a numerical model. This
model could predict compressor parameters such as pressure, tem-
perature, required work mass flow rate, mass and displacement of
valves.

Concentrating on proficiency of the reciprocating ones is also
another subject which has been regarded in many studies. In one
study, considered exploration of reciprocating ones through com-
putational fluid dynamics was deliberated by Pereira et al. [9].
They employed a three-dimensional formulation for analyzing
geometries of actual discharge and suction muffler with using a
suitable model. They validated their numerical values with exper-
imental results such as valve displacement and pressure in the
input and compression chambers obtained in a calorimeter facility.
A detailed simulation with considering various thermodynamic
efficiencies of the reciprocating ones was developed by Pérez-
Segarra et al. [10]. In this work, different efficiencies such as volu-
metric efficiency, isentropic efficiency and combined mechanical-
electrical efficiency were employed and divided into several partial
efficiencies into identify influences of various physical sub-
processes. Besides this, Casting et al. [11] proposed a dynamic pat-
tern so as to simulating reciprocating compressor type, and they
then validated numerical results with experimental values. Their
results illustrate that clearance (ratio of dead volume) and a factor
related to friction have significant effects on volumetric efficiency
and effective efficiencies in turn. By using energy and mass bal-
ances, and compared these results to experimental data for com-
pressors, a numerical investigation was presented by Porkhial
et al. [12]. Aprea and Renno [13] proposed an experimental model
for determining the optimum frequency at each working condition,
and then the related energy saving associated with that choice.
Tang Bin et al. [14] considered thermal proficiency associated with
reciprocating compressor type and with the control system which
has steeples capacity. They also built a setup experimental. The
results that they presented, the valve clearance and clearance vol-
ume Mach number had a negative influence on the thermal profi-
ciency of reciprocating type with the control system which has the
stepless capacity.

Using the entropy equation and the exergy concept allows to
establish the impact of key factors on the overall irreversibility.
The exergy balances allow determining the exergy destruction in
various design conditions.

With considering the local exergy losses by Stecco [15], an exer-
getic efficiency was derived. In this work, the exergy destroyed in
the compressor device is attributed to the gas stream warming at
the inlet part of a cylinder, the imperfection of the stuffing
between the piston and the cylinder and the losses in the input
and output valves.

Applying entropy equation and exergy efficiencies in modeling
reciprocating compressor is a powerful tool to optimize design fac-
tors, consequently, many researchers have applied this concept in
their studies [16–18]. In one study, an exergy manner for compres-
sor proficiency detailed examination has been offered by Harte and
McGovern [16]. In another study Aprea et al. [18] studied an exer-
getic lysis of a vapor compressor refrigeration plant, which the
refrigeration capacity is controlled by varying the compressor
speed. Their results are illustrated that the overall exergetic profi-
ciency of the plant working with R22 is consistently better than
that of its substitutes; besides this among the candidate substi-
tutes, in variable speed applications, the best performance is
related to the non-izeotropic mixture R407C.

In this current study, a thermodynamic analysis with applying
entropy equation was conducted to evaluate the proficiency of
reciprocating compressors, which has been compared real gas to
ideal one with using ideal state and AGA8 equations respectively
in a CNG stations. The main goal was on investigating the influ-
ences of various design factors on the compressor irreversibilities.
The current finding would be helpful for reducing power consump-
tions. Furthermore, by modeling this type of compressors, it can be
possible to diagnose likely defects which dwindle compressor per-



A. Niazmand et al. / Applied Thermal Engineering 124 (2017) 1279–1291 1281
formance. Angular speed, clearance, pressure ratio and input and
output valve areas are included the design parameters. Effects of
variations of these design factors on entropy generation, exergy
and isentropic efficiencies are explored.

2. Reciprocating compressor process description

In Fig. 1, a schematic picture and kinematics of a classic recip-
rocating compressor using in CNG stations is shown. The control
volume related to compressor is supposed to be the cylinder of
compressor, and input and output valves are as spring form. In
these compressors, crank-shaft driven by either engine attached
to a connecting rod or gas pressure, which it is provided through
pressure difference between in-cylinder and suction chamber. It
is hypothesized that the gas into control volume to be homoge-
neous, which means the gas thermal properties are uniform in
any part in the cylinder. In the subsequent sections, the governing
equations for thermodynamic modeling of the considered com-
pressor are obtained.

3. Thermodynamic modeling

To introduce a numerical model, ideal state equation associated
with ideal gas, AGA8 equation related to real gas, continuity equa-
tion and subsequently the first and second laws of thermodynam-
ics have been utilized. It is supposed that the interior space of the
considered cylinder is control volume so that cylinder boundaries
are the wall of cylinder, the cylinder head area and end face of
the piston.

3.1. Equations of energy and mass equilibrium

With respect to Fig. 1, the mass balance equation related to the
variation rate of the mass inside the cylinder could be described as
follows:

_mc ¼ _ms � _md ð1Þ
Fig. 1. A Schematic picture of a reciproca
where _ms and _md are the rates of mass flow through input and out-
put valves in turn, which are calculating from below equations [19]:

_ms ¼
CdsqsAs

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðPs�Pcv Þ

qs

� �r
for Ps > Pcv and xs > 0

�CdsqcvAs

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðPcv�PsÞ

qcv

� �r
for Pcv > Ps and xs > 0

8>>><
>>>:

ð2Þ

_md ¼
CddqcvAd

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðPcv�PdÞ

qs

� �r
for Pcv > Pd and xd > 0

�CddqdAd

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
2ðPd�Pcv Þ

qd

� �r
for Pd > Pcv and xd > 0

8>>><
>>>:

ð3Þ

where AS and Ad are the flow zones through the input and output
valves in turn. They could be attained as:

As ¼ 2pxsrs; Ad ¼ 2pxdrd ð4Þ
Besides this, xs and xd are the input and output motions from

the situation which valve is closed in turn, and rs and rd are also
radius of input and output valves respectively.

Because of non-ideality of valve, when a pressure discrepancy
negative is provided from the reference motion of that, the valve
does not closed instantaneously. These faults can be counted with
using coefficients of Cdd and Cds.

The energy balance can be attained as follow equation, of
course, with neglecting of potential and kinetic energies [20–22]:

_Qcv þ _mshs ¼ _mdhd þ d
dt

ðmuÞcv þ _Wcv ð5Þ

where _W; _Q ; _m and h are work rate, heat transfer, mass flow rates,
and enthalpy respectively. Furthermore, cv , d and s subscripts dis-
tinguish from control volume, input and output conditions. Work
rate of compressor is got by:

_Wcv ¼ Pcv
dVcv

dt
ð6Þ

In above equation, V and P are volume and pressure in turn.
ting compressor installed in stations.
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For converting time to crank angle, it should be differentiated
with respect to parameter of time with employing following
equation:

d
dt

¼ d
dh

� dh
dt

¼ x
d
dh

ð7Þ

where x is rotational velocity related to the crank shaft and h is
crank angle.

The temporarily cylinder volume during one cycle could be is
measured as [19]:

VcvðhÞ ¼ Acv � StðhÞ þ V0 ð8Þ
In this equation, the dead volume is shown with V0.
The equation that can compute the accurate position in the

cylinder which changes with angle related to the crank can be
gained as follows [23]:

xðhÞ ¼ St
2

1� cos hþ L
a

1�
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1� a

L
sin h

� �2� �s !" #
ð9Þ

That St is stroke length, L is length of connecting rod and a is
length of crank.

Besides this, heat transfer caused by convection in the wall of
cylinder can be computed at each moment by below equation:

dQ
dh

¼ aA
x

ðTcv � TwÞ ð10Þ

where A;a; Tw and Tcv are surface area, which has direct contact
with gas, the coefficient of heat transfer, the temperature which
belongs the wall and the in-cylinder temperature of gas in turn.
Adair et al. [24] detected that the temperature variation of this wall
is fewer than �10F, therefore it is presumed that the wall has a con-
stant temperature.

In this work, for calculating convective coefficient of heat trans-
fer (a), the Woschni equation has been utilized [25]. This correla-
tion was originally related to computing heat transfer of internal
combustion engine, while it could predict the rate of heat transfer
during engine motion compression process. Therefore, this relation
could be applied to modeling heat transfer on reciprocating com-
pressors. This relation is stated coefficient of heat transfer by below
equation:

a ¼ 3:26D�0:2P0:8T�0:55V0:8
e ð11Þ

That Ve and D are gas characteristic speed and the cylinder
diameter in turn. The characteristic speed without part of swirl
and for reciprocating compressors can be gained as [25]:

Ve ¼ 2:28VeP ð12Þ
where VeP defines the piston average speed.

3.1.1. Model of ideal gas
The principal equations for the model that gas is assumed ideal

could be simplified. In following equation, there are the assump-
tions related to ideal gas for defining internal energy, enthalpy
and gas constant in terms of temperature, pressure and specific
heats:

u ¼ cvT; h ¼ cpT; R ¼ cp � cv ð13Þ
By replacing Eqs. (6), (7) and (13) in Eq. (5), the energy balance

equation with presuming gas is ideal and for each cycle of recipro-
cating compressor can be attained as below equation:

dTc

dh
¼ 1

mcðcp � RÞ
dQ
dh

þ cp
dms

dh
Ts � Pc

dV
dh

�

�cp
dmd

dh
Tc � ðcp � RÞ dms

dh
� dmd

dh

� �
Tc

�
ð14Þ
3.1.2. Model of real gas
When the model of gas is for real one, the energy balance after

simplification can be gained as following equation:

duc

dh
¼ 1

mc

dQ
dh

þ dms

dh
ðhs � ucÞ � dmd

dh
ðhd � ucÞ � Pc

dV
dh

� �
ð15Þ
4. Entropy balance

Entropy balance (The second law of thermodynamics) equation
in the control volume illustrated in Fig. 1 could be attained as fol-
lows [26–28]:

dðmsÞcv
dh

¼ dms

dh
ss � dmd

dh
sd þ 1

T0

dQ
dh

þ dSgen
dh

ð16Þ

where scv , ss and sd are entropy on mass units of control volume,
input and output respectively. In next parts, the entropy terms
related to presuming real gas and ideal one will be introduced.

4.1. Model of ideal gas

It is obvious that the term of dms
dh ss is zero, when the input valve

is closed. The value of ss can be got as follows:

ss ¼ cp ln
Ts

Tref
� R ln

Ps

Pref
ð17Þ

Tref ¼ 298:15K and Pref ¼ 101:325kPa are supposed as state of refer-
ence, and subtitle of ’ref’ related to this state. When output valve is
open, the term of _mdsd is non-zero, and the value of sd is gained as:

sd ¼ cp ln
Tcv

Tref
� R ln

Pcv

Pref
ð18Þ

Entropy difference between two moments of crank angle into
control volume can be gained as:

dðmsÞcv
dh

¼
d mcv cp ln Tcv

Tref
� R ln Pcv

Pref

� �� �
dh

ð19Þ

With replacing the Eqs. (17), (18) and (19) in Eq. (16), entropy
generation for each moment of piston movement is attained as:

dSgen
dh

¼
d mcv cp ln Tcv

Tref
� R ln Pcv

Pref

� �� �
dh

þ dmd

dh
cp ln

Tcv

Tref
� R ln

Pcv

Pref

� �

� dms

dh
cp ln

Ts

Tref
� R ln

Ps

Pref

� �
� 1
T0

dQ
dh

ð20Þ

Eventually total entropy generation for a full cycle for both ideal
model and real one is computed as:

dSgen
dh

ðtotÞ
¼ dSgen

dh

ð1Þ
þ dSgen

dh

ð2Þ
þ . . .þ dSgen

dh

ðj�1Þ
þ dSgen

dh

ðjÞ
ð21Þ
5. Computing thermodynamic properties of methane (natural
gas)

It is obvious that for attaining in-control volume properties, first
it is needed to obtain two thermodynamic properties which are
independent, after that properties other properties can be gained.
The two properties are internal energy and specific volume (or
density), which are calculated from first law of thermodynamic
and mass conservation in turn. The manners for calculating ther-
modynamic properties are offered in this part of study briefly.
Farzaneh-Gord et al. [29] deliberated the detailed procedure so
as to calculate thermodynamics property.



Table 1
Domain of mixture characteristics of gas in AGA8 model [24].

Component (mole%) Normal domain Expanded domain

Methane 45–100 0–100
Nitrogen 0–50 0–100
Carbon dioxide 0–30 0–100
Ethane 0–10 0–100
Propane 0–4 0–12
Total butanes 0–1 0–6
Total pentanes 0–0.3 0–4
Hexanes plus 0–0.2 0 to Dew Point
Helium 0–0.2 0–3
Hydrogen 0–10 0–100
Carbon monoxide 0–3 0–3
Argon 0 0–1
Oxygen 0 0–21
Water 0–0.05 0 to Dew Point
Hydrogen sulphide 0–0.02 0–100
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5.1. AGA8 EOS

The overall procedure of AGA8 EOS can be specified as follows
[30]:

P ¼ ZqmRT ð22Þ
That R, Z and qm are universal constant of gas, compressibility

factor and molar density in turn.
In AGA8 manner, compressibility factor can be calculated by

utilizing the below equation [30]:

Z ¼ 1þ Bqm � qr

X18
n¼13

C�
n þ

X18
n¼13

C�
nD

�
n ð23Þ

where qr is dwindled density and considered as follows:

qr ¼ K3qm ð24Þ
That in this equation, K is parameter of mixture size that calcu-

lates by using subsequent equation [30]:

K5 ¼
XN
i¼1

xiK
5
2
i

 !2

þ 2
XN�1

i¼1

XN
j¼iþ1

xixjðK5
ij � 1ÞðKiKjÞ

5
2 ð25Þ

In Eq. (25), xi and xj are mole fractions of elements i and j in
mixture in turn. Besides this, Ki and Kj are size parameters of ele-
ments i and j respectively. N and Kij are number of element in gas
mixture and binary interaction factor for size respectively.

In Eq. (23), B is coefficient of second virial, and it is defined by
the next equation [30]:

B ¼
X18
n¼1

anT
�un
XN
i¼1

XN
j¼1

xixjB
�
nijE

un
ij ðKiKjÞ

3
2 ð26Þ

where B�
nij and Eij are given by the below equations [30]:

B�
nij ¼ ðGij þ 1� gnÞgn ðQiQj þ 1� qnÞqn ðF1=2

i F1=2
j

þ1� f nÞf n ðSiSj þ 1� snÞsn ðWiWj þ 1�wnÞwn ð27Þ

Eij ¼ E�
ijðEiEjÞ1=2 ð28Þ

Gij in Eq. (27), is defined by the below equation [30]:

Gij ¼
G�

ijðGi þ GjÞ
2

ð29Þ

The an, f n, gn, qn, sn, un, wn in Eqs. (25)–(29), are state parame-
ters, Ei, Fi, Gi, Ki, Qi, Si, Wi are the parameters of corresponding
characterization and E�

ij, G
�
ij are parameters of corresponding binary

interaction.
In Eq. (23), C�

n;n ¼ 1; . . . ;58 are thermal dependent coefficients
which are got by the below equation [30]:

C�
n ¼ anðGþ 1� gnÞgn ðQ2 þ 1� qnÞ

qn ðF þ 1� f nÞf nUun
n T�un ð30Þ

In upon equation, parameters of G, F, Q , U are mixture ones and
defined as follows [30]:

U5 ¼
XN
i¼1

xiE
5
2
i

 !2

þ 2
XN�1

i¼1

XN
j¼iþ1

xixjðU5
ij � 1ÞðEiEjÞ

5
2 ð31Þ

G ¼
XN
i¼1

xiGi þ 2
XN�1

i¼1

XN
j¼iþ1

xixjðG�
ij � 1ÞðGi þ GjÞ ð32Þ

Q ¼
XN
i¼1

xiQi ð33Þ

F ¼
XN
i¼1

x2i Fi ð34Þ
That Uij in Eq. (31) is the parameter of binary interaction for
mixture energy.

In Eq. (23), D�
n is considered by the subsequent equation:

D�
n ¼ ðbn � cnknqkn

r Þqbn
r expð�cnqkn

r Þ ð35Þ
Coefficients of Eq. (35) are gained in Ref. [31].
Replacing Eq. (23) in Eq. (22), the pressure, temperature and

natural gas composition are identified. Molar density is the merely
unknown parameter. This parameter is computed with using
Newton-Raphson iterative method.

After that, the natural gas density is achieved by the below
equation:

q ¼ Mwqm ð36Þ
where Mw and qm are mixture molecular weight and molar density
respectively. With having molar density value, compressibility fac-
tor is attained by using Eq. (29).

Model of AGA8 is considered for specific domain related to the
gas components. Table 1 illustrates domain of gas properties that
model of AGA8 EOS could be utilized [30]. It illustrates upright pro-
ficiency and high precision in the temperature domain between
143.15 K and 676.15 K, and a pressure which is up to 280 MPa.

5.2. Calculating internal energy (u)

If internal energy is considered that is a function of molar speci-
fic volume and temperature, so the residual function of internal
energy will be intended as [31]:

um � um;I ¼ �RT2
Z qm

0

@Z
@T

� �
qm

dqm

qm
ð37Þ

where um for real gas specifies internal energy as a molar state, and
um;I for ideal gas identifies molar internal energy. Molar internal
energy associated with ideal gas can be attained with using the
below equation:

um;I ¼ hm;I � Pmm ¼ hm;I � RT ð38Þ
In Eq. (38), hm;I shows molar enthalpy related to ideal gas and

calculated with employing below equation, and T and R are tem-
perature and universal gas constant in turn.

hm;I ¼
XN
j¼1

xjh
j
m;i ð39Þ

The internal energy per unit mass can be also described as
follows:

u ¼ um

Mw
ð40Þ
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5.3. Entropy (s)

Eq. (41) is attained from the Maxwell’s relations for describing
entropy:

@sm
@mm

� �
T
¼ @P

@T

� �
mm

ð41Þ

In this equation, sm specifies molar entropy. If Eq. (41) is inte-
grated respect to the specific molar volume, and variables are
changed, the subsequent equation computing molar entropy can
be achieved [31]:

sm ¼ sm;I � R
Z qm

0
Z þ T

@Z
@T

� �
qm

" #
dqm

qm
ð42Þ

In Eq. (42), Sm and sm;I are molar entropy of real model and ideal
one in turn. Molar entropy of ideal gas is obtained as follow:

sm;I ¼
XN
j¼1

xjs
j
m;i ð43Þ

In Eq. (43), xj is molar fraction of element j in the mixture, while

s jm;i specifies molar entropy related to ideal gas of element j in the
mixture that can be gained as below [31]:

s jm;iðT; P; xjÞ ¼ s jm;iðTÞ � RLnðxjPÞ ð44Þ

In Eq. (44), s jm;iðTÞ identifies molar entropy related to ideal gas of
element j that is a function which changes with varying tempera-
ture and explained by below equation [31]:

s jm;iðTÞ ¼ s jm;i0 þ ajLnðTÞ

þ bj

�
cj
T

�
coth

cj
T

� �
� Ln sinh

cj
T

� �� �	 


� dj
ej
T

� �
coth

ej
T

� �
� Ln cosh

ej
T

� �� �h i
ð45Þ

In Eq. (45), s jm;i0 is molar entropy at temperature of reference.
The coefficients given in Eq. (45) are presented in Ref. [32]. After
that entropy per unit mass can be intended as follows:

s ¼ sm
Mw

ð46Þ
6. Algebraic procedure

As described previously, equation of first law and mass conser-
vation equation are discretized so as to compute two thermody-
namic properties which are independent [29]. After that for
acquiring entropy generation and changing entropy into control
volume, the second law is employed. Firstly, these two Eqs. (1) first
law and (2) mass conservation can be discretized as below equa-
tion: [20–22]

ujþ1
c:v � uj

c:v

Dh
¼ 1

mj
c:v

DQ
Dh

� � j

þ ðhj
s � uj

c:vÞ
Dms

Dh

� � j
(

�ðhj
d � uj

c:vÞ
Dmd

Dh

� � j

� Pc:v
DVc:v

Dh

� � j
)

ð47Þ

Dmc:v

Dh
¼ Dms

Dh
� Dmd

Dh
) mjþ1

c:v �mj
c:v

Dh
¼ Dms

Dh

� � j

� Dmd

Dh

� � j

) mjþ1
c:v

¼ mj
c:v þ Dh

Dms

Dh

� � j

� Dmd

Dh

� � j
 !

ð48Þ

After that uc:v andmc:v are computed from Eqs. (47) and (48) for
every crank angle with using Euler’s method. Following this, with
knowing volume of cylinder at every crank angle, density can be
acquired as subsequent equation:
qjþ1
c:vðhÞ ¼

mjþ1
c:vðhÞ

Vjþ1
c:vðhÞ

ð49Þ

To identify thermodynamic properties (temperature,
pressure . . .), knowing two thermodynamic properties (density
and specific internal energy) are enough. Thermodynamic table,
which are created with using AGA8 EOS data, are used for calculat-
ing temperature and pressure at each time step. The target table is
set according to density ðqÞ and internal energy (u). By using Curve
fitting method, functions related to temperature and pressure are
created. This process is the bases upon the work of Farzaneh-
Gord et al. [33]. They expanded exquisite correlations to calculate
thermodynamic properties related to natural gas. Their study high-
lights that the correlations can predict properties associated with
natural gas with a mistake which is negligible for lots of engineer-
ing applications. The temperature and pressure domains, which
the correlations have been expanded for it, are as follows: 0.2 < P
(MPa) < 25; 250 < T(K) < 350. The average absolute percent devia-
tion (AAPD) to compute thermodynamic properties related to nat-
ural gas according to these temperature and pressure range is
fewer than 3%. Detailed calculations of this manner and mistake
for curve fitting method exist in Farzaneh-Gord et al. [33].

The second law of thermodynamic for gaining entropy genera-
tion, which is discretized, is as below equation [26–28]:

Sjþ1
gen � S j

gen

Dh
¼ DðmsÞc:v

Dh

� � j

� Dms

Dh

� � j

s js þ
Dmd

Dh

� � j

s jd �
1
T0

DQ
Dh

� � j

ð50Þ
With using Euler method, entropy generation at every crank

angle is obtained. Of course, knowing other items in this equation
in each moment is necessary.

The entropy generation enhances the work required, which is
necessary so as to compress the gas into the cylinder. The actual
work equals the sum of the area under the P-V and T-Sgen diagrams.
This amount is also equal to enthalpy difference between inlet and
outlet gases from compressor. The actual work of compressor is
acquired as following equation [34]:

_Wac ¼
I

_VdP �
I

Td _Sgen ¼ Rð _mdhdÞ � Rð _mshsÞ ð51Þ

Exergy efficiency could be also evaluated by [31]:

gex ¼
R _mdExd � R _msExs

_Wac

¼ R _mdðhd � T0sdÞ � R _msðhs � T0ssÞ
Rð _mdhdÞ � Rð _mshsÞ ð52Þ

That, Exd, Exs and T0 are discharge, suction exergy and ambient
temperature in turn.

Eventually, isentropic efficiency is obtained as [31]:

gisen ¼ R _mdhds � R _mshs

Rð _mdhdÞ � Rð _mshsÞ ð53Þ

where hds and Tds describe discharge enthalpy and discharge tem-
perature in isentropic process respectively.
7. Results

The results for a particular compressor are presented, and
methane is presumed as working fluid. Table 2 shows specifica-
tions related to the compressor employed in this work for model-
ing the reciprocating one. The data of geometric features and
thermodynamic conditions of that contains in this table. The influ-
ences of different factors are also studied in separated sectors.



Table 2
Specifications of the reciprocating CNG compressor used for the model.

Specification Symbol Value Unit

Diameter of Cylinder D 25 cm
Stroke S 20.8 cm
Radius of input port rs 4.64 cm
Radius of output Port rd 8.03 cm
Rotational speed x 1200 rpm
Input temperature Ts 293 K
Output pressure Pd 15 MPa
Input pressure Ps 3.75 MPa
Pressure ratio Pd/Ps 4 –
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7.1. Changes of difference terms of entropy with changing clearance

In this sector, the influence of clearance changes on entropy
terms related to ideal gas and AGA8 models are presented. The
clearances, which are investigated for this study, are 5, 10, 15
and 20%. For these figures, the modeling starts from TDC (Top Dead
Center) that cylinder volume in this point is the equal of volume
clearance, after that with moving to BDC (Bottom Dead Centre),
pressure and consequently other properties of gas into control vol-
ume change. The simulation continues until piston comes back
again to TDC. Fig. 2 shows entropy changes of input and output
terms verse of crank angle and for several clearances and for mod-
els of AGA8 and ideal gas. The value of input entropy equals zero
until input valve opens. Furthermore, the value of output entropy
is non-zero when output valve opens. As regards these figures, as
clearance increases, the necessary pressure difference for opening
input and output valves are provided later respect to lower clear-
ances, so entropy changes are happened in higher crank angles in
the both models. Another interesting point is that entropy changes
Fig. 2. Entropy changes of the two terms vs. crank angle for several clearances a
of these two terms in AGA8 model are more than ideal one. This
difference increases, as clearance grows.

Fig. 3 shows changing entropy terms related to heat transfer (a)
and in-control volume (b) verse of crank angle. The figure of
entropy diagram associated with heat transfer is like heat transfer
diagram, because, consistent with the Eq. (16), this term is reached
by dividing heat transfer into ambient temperature. The amounts
of heat transfer entropy are really smaller than the amounts of
other entropy terms, so this term does not play a prominent role
in changing entropy generation. Due to temperature of gas in ideal
model during opening output valve is much more than AGA8 one,
entropy values related to it are more than AGA8 one. The figure of
in-control volume entropy shows that the main changing happens
when suction or discharge valve are opening.

In Fig. 4, it is shown changing entropy generation against crank
angel for several clearances. It is a principle law that no process is
performed, unless entropy generation of that process is positive.
This is also true about the considered process. As it can be seen
from this picture, the most value of entropy generation is hap-
pened when output valve is open, because in this period, temper-
ature of gas is maximum. Another important point is that input
and output entropy terms have the most influence on entropy
generation.
7.2. Influence of clearance and angular speed on proficiency of
compressor for AGA8 and ideal models

The existence of clearance is unavoidable because of various
causes for example happening heat expansion in different pieces
belong reciprocating compressor. Effects of changing clearances
and angular speeds on parameters like entropy generation,
nd ideal and AGA8 models including (a) input entropy, (b) output entropy.



Fig. 3. Entropy changes of the two terms vs. crank angle for several clearances and ideal and AGA8 models including (a) entropy due to heat transfer, (b) entropy of in-control
volume.

Fig. 4. Entropy generations of compression cycle vs. crank angle for several clearances and for ideal and AGA8 models.
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isentropic and exergy efficiencies are investigated in this part of
study. Angular speed changes from 1000 to 2500 rpm. Fig. 5 illus-
trates changes of entropy generation verse to angular speed for dif-
ferent clearances. As it can be seen, with increasing clearances,
entropy generation decreases for both ideal and AGA8 models.
For instance, entropy generation at x = 2000 rpm and clear-
ance = 10% is 0.0383 kJ/kg�K, but at x = 2000 and clearance = 15%,
this value equals 0.0295 kJ/kg�K. The reason of that is lower mixing
between inlet and remaining gas, which is into dead volume during
suction process. Another important point is that entropy genera-
tion increases, when angular speed grows. This phenomenon can
be explained in this way that in higher angular speeds, discharge
gas temperature increases, so entropy generation increases.

Exergy and isentropic efficiencies diagrams are displayed in
Fig. 6 and Fig. 7 respectively. As it can be observed, there is a down-
ward trend in the amounts of both exergy and isentropic efficien-
cies with increasing angular speed. The cause is that efficiency has
an inverse relation with entropy generation. So, increasing clear-
ance improves the efficiencies. It is important to point that due
to exergy efficiency is the one which compares work output to



Fig. 6. Variation of exergy efficiency vs. angular speed for several clearances based upon the ideal and AGA8 models.

Fig. 7. Variation of isentropic efficiency vs. angular speed for several clearances based upon the ideal and AGA8 models.

Fig. 5. Variation of entropy generation vs. angular speed for several clearances based upon the ideal and AGA8 models.
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the potential of the input to do work, so the value of that is more
than isentropic efficiency, which is ideal model, and it compares
work output to adiabatic and reversible process. Isentropic effi-
ciency difference between AGA8 and ideal models increases, when
angular speed enhances. As the figures present, the trends of ideal
model in entropy generation, exergy and isentropic are similar to
real gas, but trends of differences between AGA8 and ideal models
are not certain. For example, for CL = 5%, difference of entropy gen-
eration between AGA8 and ideal models at x ¼ 1000 rpm is 0.006
(kJ/K�sec), and is 0.0006 (kJ/K�sec) at x ¼ 2200 rpm, while this dif-
ference is 0.003 (kJ/K�sec) at x ¼ 2500 rpm.

7.3. Influences of changing pressure ratio in diverse angular speeds on
compressor proficiency for AGA8 and ideal models

This section intends to illustrate the affect related to pressure
ratio and angular speed on performance of compressor for AGA8
and ideal models. In this work, input pressure is constant



Fig. 8. Variation of entropy generation vs. angular speed for several pressure ratios based upon the ideal and AGA8 models.
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(3.75 MPa), and pressure ratios 2, 3 and 4 are considered. Fig. 8
shows changing entropy generation against angular speed for sev-
eral pressure ratios. As it can be considered, entropy generation
increases, when angular speed enhances. Another significant point
is that a growth in pressure ratio causes a remarkably decrease in
entropy generation. For both AGA8 and ideal models, entropy gen-
eration difference between the two pressure ratios increases with
rising angular speed, but in AGA8 model, this increase in the value
of this difference is more than ideal one.
Fig. 9. Variation of exergy efficiency vs. angular speed for seve

Fig. 10. Variation of isentropic efficiency vs. angular speed for sev
Figs. 9 and 10 show changing exergy and isentropic efficiencies
verse to angular speed for different pressure ratios respectively. As
it was explained previously, exergy efficiency has an inverse rela-
tion to entropy generation; so, increase in pressure ratio must pro-
vide a higher efficiency that it is right about these figures. The
amounts of exergy efficiency related to the real model are less than
the ideal model, because of having higher entropy generations. The
exergy efficiency is 88.5% at pressure ratio = 4 and x ¼ 1000 rpm
for ideal gas, but this amount at that situation is 83.8% for ideal
ral pressure ratios based upon the ideal and AGA8 models.

eral pressure ratios based upon the ideal and AGA8 models.
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gas. This difference of exergy efficiency is 4.7%. The difference of
these two models in pressure ratio = 4 and x ¼ 2500 rpm is 1.4%.
Furthermore, the difference between these two models at the pres-
sure ratio = 2 andx ¼ 1000 rpm is 3%, and at the pressure ratio = 2
and x ¼ 2500 rpm is 2.4%. So, this difference decreases with
increasing angular speed. As it can be realized from fig. 10, with
increasing pressure ratio, the difference between the amounts of
isentropic efficiency for AGA8 and ideal models enhances.
7.4. Effect of compressor parameters on compressor proficiency for
AGA8 and ideal models

In this part, two parameters are introduced: (1) b ¼ Ad
As
, which is

proportion of output valve area to input valve area, and (2)
W ¼ AsþAd

Ap
, which is proportion of the sum of input and output

valves areas to piston area of compressor. The domain of these
parameters are as follow:

0:9 6 b 6 3:9; 0:5 6 W 6 0:8

It is could be realized later that if W increases, compressor effi-
ciency will increase too, but it cannot be increased from specific
value (<0.8) due to manufacturing restriction. For b < 0.9, the com-
putation method produces unrealistic results and as the aim is to
investigate influence b ratio on compressor performance, it is pre-
ferred to consider the values which achieve the correct and real
results.
Fig. 11. Variation of entropy generation vs. b for vari

Fig. 12. Variation of exergy efficiency vs. b for vario
Fig. 11 illustrates changes of entropy generation against with b
and for different Ws. For all Ws, when b increases, entropy genera-
tion enhances. It means that with heightening proportion of input
valve area to output valve one, entropy generation can decrease,
and exergy and isentropic efficiencies can improve (Figs. 12 and
13). For example, instead of choosing b ¼ 3:9 atW ¼ 0:5, if the con-
sidered b equals 0.9, exergy efficiency enhances as much as 6.47%.
The reason of that is decreasing discharge temperature and subse-
quently entropy destruction related to lower bs. The ideal model
predicts that the amounts of entropy generation and exergy effi-
ciency will be more and less than the predicted amounts of
AGA8 model respectively. The difference amount of exergy effi-
ciency between AGA8 and ideal models is 3.9% at b ¼ 0:9 and
W ¼ 0:5, while this difference at b ¼ 0:9 and W ¼ 0:8 is 2.32%. So,
with increasing W in the lower bs, difference of exergy efficiency
between these models will decrease. Besides this, this difference
is 1.7% at b ¼ 3:9 and W ¼ 0:5, whereas it is 2.05% at b ¼ 3:9 and
W ¼ 0:8. It shows that increase in b decreases the difference value
of exergy efficiency between these models, and this difference in
the higher b s decreases with increasing W. As it is got from
Fig. 13, the amounts of isentropic efficiency attained by the ideal
model are less than the real one. Another important point is that
difference of these models in computing isentropic efficiency
enhances with growing b too. It can be defined that increase in b
leading to higher discharge temperature, subsequently increase
in entropy generation and decrease in efficiency. So, the ideal
model does not predict compressor performance in higher
temperatures.
ous Ws based upon the ideal and AGA8 models.

us Ws based upon the ideal and AGA8 models.



Fig. 13. Variation of isentropic efficiency vs. b for various Ws based upon the ideal and AGA8 models.

1290 A. Niazmand et al. / Applied Thermal Engineering 124 (2017) 1279–1291
8. Conclusion

Achieving to really high pressure is necessary in industries
related to natural gas. One of the main substantial compressor
types can be performed for this aim is reciprocating one, and this
type has been being applied in CNG stations. For comprehending
influences of various factors on compressor behavior, the numeri-
cal simulation of different parts of tools is one of the prominent
works which have been being applied.

So as to study proficiency of single stage CNG reciprocating
compressors, the first and second laws of thermodynamics and
equation of mass equilibrium have been applied as theoretic tools.
The AGA8 equation of state (EOS) is employed to compute the nec-
essary thermodynamic properties related to natural gas, which
methane is presumed as working fluid. The model predicted
changing different terms of entropy generation equation like input
and output entropies, in-control volume entropy, entropy related
to heat transfer and eventually entropy generation against crank
angle and for several clearances and with considering ideal and
AGA8 models. Furthermore, for these models, the diagrams of total
entropy generation for each cycle and exergy and isentropic effi-
ciencies are calculated verse to angular speed and for several clear-
ances, and changing different pressure ratios are also considered.
Another work performed in this investigation is introducing two
parameters, which are proportional related to areas of piston face,
input and output valves, and changing theses parameters for
observing compressor performance.

The results illustrate that for both ideal and AGA8 models, with
increasing angular speed, entropy generation increases, so exergy
and isentropic efficiencies decrease. Moreover, as clearance
increases, entropy generation decreases, and it causes exergy and
isentropic efficiencies improve. Another significant result is that
increase in pressure ratio improves compressor efficiencies. Fur-
thermore, with enhancing proportion of input valve area to output
valve area, it can be achievable to acquire a higher efficiency. Dif-
ference between AGA8 and ideal models in computing isentropic
efficiency for different pressure ratios is relatively negligible, espe-
cially in the lower proportions.
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