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has been used. Numerical results validated with previous measured values and showed a
good agreement. The effects of important parameters such as: angular speed, clearance
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and pressure ratio have been studied on the performance of the compressors. The results
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indicated work that required for compression is greater for ideal gas model.
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1.

Introduction

One of the most important equipment for producing high
pressure gas is reciprocating compressors. These compressors
are used widely in industries such as: refineries and power
plants, refrigeration system (chillers), Compressed Natural

Gas stations (CNG stations) and etc. due to high pressure ratio
achievement.
As noted above, the CNG station is one of the most applications of reciprocating compressors. In CNG station, natural
gas from the distribution pipeline is compressed using a large
multi-stage compressor (three or four stages) to pressure
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Nomenclature
a
A
Cd
cp , cv

M
P
Q_
S
T
u
y
V
V0
v
W
_
W
x
z
r
u
a
q

lengths of rod m
area (m2)
orifice discharge coefficient
Constant pressure &volume specific heats
(kJ kg1 K1)
Gravitational acceleration (m s2)
Specific enthalpy (kJ kg1)
crank m
Mass flow rate (kg s1)
Molecular weight (kg kmol1)
Pressure (bar or Pa)
Heat transfer rate (kW)
stroke m
Temperature (K or oC)
internal energy (kJ kg1)
specific volume (m3 kg1)
Volume (m3)
Dead Volume (m3)
Velocity (m s1)
Actual work (kJ kg1)
Actual work rate (kW or MW)
displacement (m)
Height (m)
Density (kg m3)
Angular Speed (rad s1)
Heat Transfer Coefficient (Wm2/K)
Degree (Degree)

Subscript
cv
s
d
p

Control Volume
Suction
discharge
piston

g
h
L
m_

between 20 MPa and 25 MPa (Farzaneh-Gord et al., 2014, 2012).
A large part of the initial and current costs of CNG stations are
due to reciprocating compressor input work (Farzaneh-Gord
et al., 2012). By modeling CNG compressors, one could optimize design parameters which lead to higher efficiency and
lower input work for compressing in CNG stations.
Researchers have used different methods for modeling
reciprocating compressor. These methods usually divided
into two methods: global models and differential models, that
in these methods the variable depends on crank angle (Stouffs
et al., 2000). Stouffs et al. (2000) with utilizing global model
studied reciprocating compressors thermodynamically. In
their model five mains and four secondary dimensionless
physical parameters were important and they computed the
volumetric effectiveness, the work per unit mass and the
indicated efficiency. Casting et al. (Castaing-Lasvignottes and
Gibout, 2010) modeled compressor operation using performance explanations like volumetric, isentropic and effective.
They thought that these efficiencies depend basically on two
parameters, the dead volumetric ratio, having particular influence on volumetric efficiency, and a friction factor mainly
influencing both isentropic and effective efficiencies. Elhaj
et al. (Elhaji et al., 2008) studied a two-stage reciprocating
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compressor numerically. An important achievement of this
research was expansion of diagnostic features for predictive
condition monitoring. Winandy et al. (2002) exhibited a
simplified model of an open-type reciprocating compressor.
Their analysis presented the main processes influenced the
refrigerant mass flow rate and the compressor power and the
discharge temperature. Also Ndiaye and Bernier (2010) did a
dynamic model of a hermetic reciprocating compressor in onoff cycling operation. Also Farzaneh-Gord et al. (2013) optimized design parameters of reciprocating air compressor
thermodynamically. They developed a mathematical model
according to the mass conservation, first law and ideal gas
assumption to study the performance of reciprocating
compressors.
All the researchers mentioned above used the first law of
thermodynamics for modeling as basic tool. The second law of
thermodynamic is also used to analysis performance of the
reciprocating compressors. McGovern and Harte (1995)
investigated the compressor performance with employing
the second law. The non-idealities are characterized as exergy
destruction rates as losses to friction, irreversible heat transfer, fluid throttling and irreversible fluid mixing. Defects in the
use of a compressor's shaft power identified and quantified.
Aprea et al. (2009) presented a research that detected for
variable speed compressors the current frequency that optimizes the exergy, energy and economy aspects. Also, Bin et al.
(2013) investigated thermal performance of reciprocating
compressor with stepless capacity control system. In their
research an experimental setup was working and the
compressor with designed stepless capacity control system
operate all right. Morriesen and Deschamps (2012) investigated transient fluid and superheating in the suction chamber
of a refrigeration reciprocating compressor experimentally.
Also Yang et al. (2012) simulated a semi-hermetic CO2 reciprocating compressor comprehensively.
The effects of a few more design parameters on the performance of the compressor have also investigated in various
studies. Perez-Segarra et al. (2005) carried out the comprehensive analysis of various famous thermodynamic efficiencies such as the volumetric efficiency, the isentropic
efficiency and the combined mechanical-electrical efficiency,
which these efficiencies prevalently employed to characterize
hermetic reciprocating compressors. They separated these
efficiencies into their main components (physical subprocesses). Da Riva and Del Col (2011) introduced the performance of a semi-hermetic reciprocating compressor experimentally. This compressor has been installed in a heat pump
for producing 100 kW heating capacity. The effect of the use of
an internal heat exchanger between liquid and vapour line on
the performance of the compressor is discussed. Damle et al.
(2011) studied the simulation that applies an object-oriented
unstructured modular methodology for the numerical
modeling of the elements forming the hermetic reciprocating
compressor domain to predict the thermal and fluid dynamic
behavior (temperature, pressure, mass flow rates, power
consumption, etc.) of the compressor. Link and Deschamps
(2011) investigated a simulation methodology, experimental
validated, to study the compressor in transients time.
Furthermore, their model is used to appraise the minimum
voltage needed for the compressor startup as a function of the
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recognize the best design parameters. Also by modeling
reciprocating compressors, it is possible to diagnosis possible
fault which reduce compressor performance.
This study has been enlarged dramatically from above
mentioned researches by presenting a detailed numerical
methodology for simulating one stage CNG reciprocating
compressors. The working fluid is natural gas that its thermodynamic properties are computed based on ideal and real
gas assumptions. For real gas model, the thermodynamic
properties of natural gas mixture calculated based on AGA8
equation of state. The results from the developed model have
been validated against the previous experimental values. The
effects of various parameters on the performance of the
compressors have been compared between ideal and real gas
models. An optimum value for suction to discharge valve area
ratio has been introduced for each gas models.

2.
Fig. 1 e Schematic of reciprocating compressor.

equalized pressure and the auxiliary coil actuation time. Cezar
et al. (2011) investigated the unsteady behavior of mass flow
rate and power of reciprocating compressor based on a semiempirical numerical simulation. Their simulation is established on thermodynamic equations fitted to manufacturer
data by utilizing linear correlations. Ma et al. (2012) was
developed a semi-hermetic reciprocating compressor for
application in CO2 refrigeration. The movement of the valve
was discussed in detail for the trans-critical CO2 compressor
with the experimental results.

Q_ cv þ

X

Methodology

The schematic diagram of a CNG reciprocating compressor
with spring type suction and discharge valves is shown in
Fig. 1. The rotary motion of crankshaft is converted to the
reciprocating motion of piston by connecting rod. Gas in cylinder is assumed as lump open system. It is assumed that no
leakage take place in the compressor. The governing equation
for modelling the compressor is introduced in this section.

2.1.

First law equation

To present a mathematical model, the continuity and first law of
thermodynamics has been used. The cylinder wall, cylinder head
and piston end face are considered as boundaries for control
volume. The first thermodynamic law is written as follow:

 


 X 

Ve2
Ve2
d
Ve2
_ cv
m uþ
þ gz
m_ s hs þ s þ gzs ¼
þW
m_ d hd þ d þ gzd þ
dt
2
2
2
cv

For analysing natural gas reciprocating compressors
accurately, it is necessary to know thermodynamic properties
of natural gas. One of the most reliable methods for calculating natural gas thermodynamic properties is the AGA8
Equation of State (AGA8eDC92 EoS, 1992; ISO-12213-2, 1997).
The AGA8 equation of state has been presented by American
Gas Association specifically for computing compressibility
factor and density of natural gas. This equation of state has
been also subject to different studies in order to compute
thermodynamics properties of natural gas (Marı́c et al., 2005;
Marı́c, 2005, 2007; Farzaneh-Gord et al., 2010; Farzaneh-Gord
and Rahbari, 2012). Farzaneh-Gord and Rahbari (2012) has
employed AGA8 EOS to calculate variety of natural gas thermodynamic properties for various natural gas mixtures.
The improvement of design parameters of CNG reciprocating compressors leads to higher compressor performance.
By simulating these compressors, it is possible to investigate
effects of different parameters on their efficiency and to

(1)

_ m;
_ are heat transfer and mass flow
_ h; Ve; g; z and W
where Q;
rates, enthalpy, velocity, acceleration of gravity, altitude and
work rate respectively. Also s, d and cv subscripts stand for
suction, discharge and control volume condition respectively. If
variation in kinetic and potential energies are neglected, then
this equation could be simplified as follow:
dQcv dms
dmd
d
dWcv
þ
hs ¼
hd þ ðmuÞcv þ
dt
dt
dt
dt
dt

(2)

The work rate could be computed as follow:
dWcv
dVcv
¼ Pcv
dt
dt

(3)

where P and V are pressure and volume respectively. With
combining equations (2) and (3), the following equation can be
obtained:
dQcv dms
dmd
d
dVcv
þ
hs ¼
hd þ ðmuÞcv þ Pcv
dt
dt
dt
dt
dt

(4)
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In which, u is the rotational speed of the crank shaft.
Finally the first law thermodynamic equation changed as
below:

where xs and xd are the suction and discharge displacement
from the closed position, and, rs and rd are radius of suction
and discharge valves respectively.
Due to non-ideality of the valve, it does not shut down
instantaneously as soon as a negative pressure difference is
created from its reference motion, turn the direction and shut
the opening. Coefficient of cds and cdd account these nonideality of valves.

dQcv dms
dmd
d
dVcv
þ
hs ¼
hd þ ðmuÞcv þ Pcv
dq
dq
dq
dq
dq

2.4.

Also, differentiating respect to time could be converted to
crank angle by considering the following equation:
d
d dq
d
¼

¼u
dt dq dt
dq

2.2.

(5)

(6)

Piston motion equation

The exact expression for the instantaneous position of the
piston displacement from top dead center in terms of the
crank angle may be given by Lee (1983):
ﬃ #
sﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
"

a
2 
S
L
1  cos q þ
1
1
sin q
xðqÞ ¼
2
a
L

(7)

where a, L and S are lengths of rod and crank and stroke
respectively. The momentarily volume of cylinder is obtained
by reference (Lee, 1983):
Vcv ðqÞ ¼ Acv  SðqÞ þ V0

(8)

where V0 is the dead volume.

2.3.

Continuity equation

Considering the in-cylinder gas of compressor as a control
volume the continuity (conservation of mass) equation may
be written as follows:
dmcv
¼ m_ s  m_ d
dt

(9)

By replacing equation (5) in equation (9), the quantity
equation could be written as:
dmcv 1 _
¼ ðms  m_ d Þ
u
dq

(10)

where m_ s and m_ d are the mass flow rate through suction and
discharge valves respectively, which are computing from
following equations (Brablik, 1972)
sﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
8
ﬃ
>
2ðPs  Pcv Þ
>
>
C
r
A
for Ps > Pcv and xs > 0
>
>
< ds s s
rs
_
ms ¼
sﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
ﬃ
>
>
>
2ðPcv  Ps Þ
>
>
for Pcv > Ps and xs > 0
: Cds rcv As
rcv

(11)

sﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
8
ﬃ
>
2ðPcv  Pd Þ
>
>
for Pcv > Pd and xd > 0
> Cdd rcv Ad
>
<
rs
m_ d ¼
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
ﬃ
s

>
>
>
2ðPd  Pcv Þ
>
>
for Pd > Pcv and xd > 0
: Cdd rd Ad
rd

(12)

where As and Ad are the flow areas through the suction and
discharge valves which take place from cylinder respectively.
They are obtained by:
As ¼ 2pxs rs
Ad ¼ 2pxd rd

(13)

Valve movement equation

The valve dynamic equations are derived based on the
following assumption;
(i) The valve is considered as a single degree of freedom
system.
(ii) The valve plate is rigid.
(iii) The valve displacement is restricted by a suspension
device.
Reference point of motion is the closed position of the
valve and the valves do not have any negative displacement.
Considering the forces acting to the valve plates, the general
equation of motion for a valve plate is then given by Singh
(1975):
d2 xs
1
¼
 ks us þ Cfs As ðPs  Pcv Þ
ms u2
dq2
þ Fps
> xs
for xs > 0 and xmax
s

(14)

d2 xd
1
¼
 kd ud þ Cfd Ad ðPcv  Pd Þ
md u2
dq2
þ Fpd
> xd
for xd > 0 and xmax
d

(15)

where Fps and Fpd are pre-load forces, that these forces are
neglected respect to another forces. Also ms and md are masses
of suction and discharge, respectively. Coefficient of Cfs and
Cfd account loss of the energy due to the orifice flow and these
coefficients can be obtained from Boswirth (1980).

2.5.

Heat transfer equation

Heat transfer due to convection in compression chamber can
be calculated for each crank angle from equation (16) as:
dQ aA
ðTcv  Tw Þ
¼
dq
u

(16)

where a, A, Tcv and Tw are the heat transfer coefficient, surface
area in contact with the gas, the in-cylinder gas temperature
and the wall temperature respectively. Adair et al. (1972)
observed that the cylinder wall temperature varies less than
±1 F as a result the wall temperature is assumed constant.
To calculate convective heat transfer coefficient, a, the
Woschni correlation has been employed (Richard, 1999). This
correlation is originally derived for internal combustion engine. The correlation could also predict the heat transfer rate
during compression stage of engine motion. Consequently, it
could be used to model heat transfer in a reciprocating
compressor. According to the correlation, the heat transfer
coefficient is given by:
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a ¼ 3:26D0:2 P0:8 T0:55 y0:8

(17)

where, y and D are the characteristic velocity of gas and
diameter of the cylinder respectively. According to Woschni
correlation, the correlation characteristic velocity for a
compressor without swirl is given as (Richard, 1999):
y ¼ 2:28vp

(18)

where, vp is average velocity of piston.

2.6.

Ideal gas model

For the case of assuming ideal gas behaviour, the governing
equation could be much simplified. Considering the following
ideal gas assumptions:

where in equation (24), K is mixture size parameter and
calculated using following equation (AGA8eDC92 EoS, 1992):
N
X

K ¼
5

!2
5
2

i¼1

In equation (25), xi is mole fraction of component i in
mixture, xj is mole fraction of component j in mixture, Ki is
size parameter of component i, Kj is size parameter of
component j, Kij is binary interaction parameter for size and N
is number of component in gas mixture.
In equation (23), B is second virial coefficient and given by
the following equation (AGA8eDC92 EoS, 1992):
B¼

18
X

an Tun

N X
N
X
i¼1

Si Sj þ1sn
Eij ¼ E*ij Ei Ej

(21)

3.
Computing natural gas thermodynamics
properties
It is clear that for calculating in-control volume properties, the
two independent thermodynamic properties should be
computed and then other properties calculated. The two properties are density (or specific volume) and internal energy which
calculated from conservation of mass and first law of thermodynamic respectively. The methods for computing thermodynamic properties are presented in this section briefly. The
detailed procedure for thermodynamics property calculation
could be found in Farzaneh-Gord and Rahbari (2012).

AGA8 EOS

sn

The general form of AGA8 EOS is defined as follows
(AGA8eDC92 EoS, 1992):

n¼13

C*n þ


qn 
fn
1=2 1=2
Qi Qj þ1qn
Fi Fj þ1fn

Wi Wj þ1wn

wn

(27)

(28)

G*ij Gi þ Gj

(29)

2

C*n ¼ an G þ 1  gn

gn

Q 2 þ 1  qn

qn

F þ 1  fn

fn

Uunn Tun

(30)

In equation (30),G,F,Q,U are the mixture parameters and
defined by the following equations (AGA8eDC92 EoS, 1992):
N
X

!2
5

xi E2i

G¼

N
X

xi Gi þ 2

i¼1

Q¼

þ2

N1 X
N
X



xi xj U5ij  1 Ei Ej

5
2

(31)

i¼1 j¼iþ1

N1 X
N
X



xi xj G*ij  1 Gi þ Gj

(32)

i¼1 j¼iþ1

N
X

xi Qi

(33)

x2i Fi

(34)

i¼1

F¼

N
X
i¼1

C*n D*n

(23)

where in equation (31), Uij is the binary interaction parameter
for mixture energy.
In equation (23), D*n is defined by the following equation:

(24)

D*n ¼ bn  cn kn rkr n rkr n exp  cn rkr n

n¼13

where, rr is reduced density and defined as follows:
rr ¼ K3 rm

gn

In equations (25)e(29), an, fn, gn, qn, sn, un, wn are the equation of state parameters, Ei, Fi, Gi, Ki, Qi, Si,Wi are the corresponding characterization parameters and E*ij , G*ij are
corresponding binary interaction parameters.
In equation (23), C*n ; n ¼ 1; :::; 58 are temperature dependent
coefficients and defined by the following equation
(AGA8eDC92 EoS, 1992):

(22)

where Z,rm and R are compressibility factor, molar density and
universal gas constant respectively.
In AGA8 method, the compressibility factor should be
calculated by employing the following equation (AGA8eDC92
EoS, 1992):
Z ¼ 1 þ Brm  rr

(26)

j¼1

In equation (27), Gij is defined by the following equation
(AGA8eDC92 EoS, 1992):

U5 ¼

18
X

3
2

1=2

i¼1

18
X

xi xj B*nij Euijn Ki Kj

B*nij ¼ Gij þ1gn

Gij ¼

P ¼ Zrm RT

(25)

(20)

dTcv
dmcv
þ Tcv Cv
¼ UðqÞ AcvðqÞ TcvðqÞ  Tam
mcv Cv
dq
dq

3.1.

5
2

where, B*nij and Eij are defined by the following equations
(AGA8eDC92 EoS, 1992):

With replacing ideal gas assumptions and equation (16),
the equation (6) could be simplified as below:

dVcv
þ m_ s Cp Ts  m_ d Cp Td  Pcv
dq



xi xj K5ij  1 Ki Kj

(19)

Consequently,
dðmuÞcv
dTcv
dmcv
¼ mcv Cv
þ Tcv Cv
dq
dq
dq

N1 X
N
X
i¼1 j¼iþ1

n¼1

u ¼ Cv T; h ¼ Cp T ; Cp  Cv ¼ R; PV ¼ mRT

þ2

xi Ki

(35)
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Coefficients of equation (35) are introduced in reference
(Damle et al., 2011).
Substituting equation (23) in equation (22), the temperature, pressure and composition of natural gas are known. The
only unknown parameter is molar density. The molar density
is calculated using NewtoneRaphson iterative method.
The density of natural gas is then calculated by the
following equation:
r ¼ Mw rm

(36)

where, Mw is molecular weight of mixture and rm is molar
density. With being known molar density, compressibility
factor is calculated using equation (23).
AGA8 model is indented for specific range of the gas components. Table 1 shows range of gas characteristics to which
AGA8 EOS model could be employed (AGA8eDC92 EoS, 1992).
It shows good performance and high accuracy in the temperature range between 143.15 K and 676.15 K, and for a
pressure up to 280 MPa.

3.2.

u¼

um
Mw

3.3.

(40)

Computing enthalpy (h)

One of thermal properties for natural gas is enthalpy.
Assuming enthalpy is a function of temperature and molar
specific volume, the enthalpy residual function is defined as
follows (Moran and Shapiro, 2007):
hm  hm;I ¼

#
Zvm "  
vP
T
 P dvm þ
vT vm

vm;I

Zrm 
um  um;I ¼ RT

2

Zrm 

0


vZ
drm
vT rm rm

(37)

where, um is molar internal energy for real gas and um,I is
molar internal energy for ideal gas. Molar internal energy for
ideal gas could be calculated using the following equation:
um;I ¼ hm;I  Pnm ¼ hm;I  RT

(38)

In equation (38), hm,I is molar enthalpy for ideal gas and
calculated using below equation, T is temperature and R is
universal gas constant.
N
X

xj hm;i

j

(39)

j¼1

Table 1 e Range of gas mixture characteristics in AGA8
model (AGA8eDC92 EoS, 1992).
Component (mole %)
Methane
Nitrogen
Carbon dioxide
Ethane
Propane
Total butanes
Total pentanes
Hexanes plus
Helium
Hydrogen
Carbon monoxide
Argon
Oxygen
Water
Hydrogen sulfide

Normal range
45 to 100
0 to 50
0 to 30
0 to 10
0 to 4
0 to 1
0 to 0.3
0 to 0.2
0 to 0.2
0 to 10
0 to 3
0
0
0 to 0.05
0 to 0.02



Zvm
RT
vm;I /∞

vZ
vvm


dvm

(41)

T

In equation (41), hm is molar enthalpy for real gas, hm,I
molar enthalpy for ideal gas and vm,I is molar specific volume
for ideal gas. By changing the variable of vm to rm and calculation of partial differential values in equation (41), enthalpy
residual function becomes as follows:

Computing internal energy (u)

Assuming internal energy is a function of temperature and
molar specific volume, the internal energy residual function
could be calculated as (Moran and Shapiro, 2007):

hm;I ¼

Also, the internal energy per unit mass is defined as
follows:

hm  hm;I ¼ RT2
0


vZ
drm
þ RTðZ  1Þ
vT rm rm

(42)

Molar enthalpy for ideal gas could be calculated as follow:
hm;I ¼

N
X

xj hm;i

j

(43)

j¼1

where in equation (43), xj is mole fraction of component j in
j
mixture and hm;I is molar enthalpy for ideal gas and for
component j in mixture.
c 
e 
j
j
j
j
 dj ej tanh
hm;I ¼ hm;I0 þ aj T þ bj cj coth
T
T

(44)

Coefficients in equation (44) are given in reference (DIPPR®
j
801, 2004). hm;I0 is molar enthalpy for ideal gas of component J

in mixture at reference state (25 C,101.325 kPa).
The partial differential relations in equation (41) have been
calculated using AGA8 EOS. Finally by integrations from
equation (42) and computing ideal molar enthalpy using
equation (44), molar enthalpy is calculated for natural gas. The
enthalpy per unit mass then could be calculated as follows:
h¼

hm
Mw

(45)

Expanded range
0
0
0
0
0
0
0
0
0
0
0
0
0
0
0

to
to
to
to
to
to
to
to
to
to
to
to
to
to
to

100
100
100
100
12
6
4
Dew point
3
100
3
1
21
Dew point
100

4.

Numerical procedure

As explained previously, to calculate two independent thermodynamic properties, first law and conservation of mass
equations are discretized as follow firstly (Farzaneh-Gord and
Rahbari, 2012):
(
j
j
j

 j

jþ1
j
ucv  ucv
1
DQcv
Dms
DV
j Dmd
¼
þ hjs
 Pcvj
 hd
mcvj
Dq
Dq
Dq
Dq
Dq
 )

Dmcvj j
u

Dq
(46)
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!
s
j!
j
j
m_ j  m_ d
m_ s  m_ d
Dmcv m_ s  m_ d
jþ1
j
jþ1
j
¼
0mcv  mcv ¼ Dq
0mcv ¼ mcv þ Dq
Dq
u
u
u

And then specific internal energy and mcv are computed
from equations (46) and (47) for each crank angle by employing
Rungeekotta method. Then density is calculated as below by
knowing in-cylinder volume at each crank angle:
jþ1

jþ1

rðqÞ ¼

mcvðqÞ

(48)

jþ1

VcvðqÞ

These two thermodynamic properties (density and specific
internal energy) are enough to identify the other thermodynamic properties (temperature, pressure …). For calculating
pressure and temperature for each time step, thermodynamic
table which formed based on AGA8 EOS, are used. The table is
arranged according to internal energy (u) and density (r(q)).
Functions of pressure and temperature are prepared by Curve
fitting method. This method is based on the study of
Farzaneh-Gord and Rahbari (Farzaneh-Gord and Rahbari,
2011). They developed novel correlations for calculating natural gas thermodynamic properties. Their study shows that
the correlations could predict natural gas properties with an
error that is acceptable for most engineering applications. The
range of pressure and temperature which the correlations
have been developed for, are as follows: 0.2 < P(MPa) < 25;
250 < T(K) < 350. Based on these pressure and temperature
range, the average absolute percent deviation (AAPD) for
calculating natural gas thermodynamic properties is less than
3%. Details of the calculation method and error for curve
fitting method are presented in Farzaneh-Gord and Rahbari
(2011).
The values of work and indicated work per in-control volume mass are also calculated as following equations:
Z
PdV ¼ F 

W¼F

N
X

Z
Pj dVj ¼

j¼1

Cycleðq¼0 toq¼2pÞ

PdV
Cycleðq¼0 to q¼2pÞ

(49)

Windicated ¼

1
mcv

Z
PdV ¼
Cycleðq¼0 to q¼2pÞ

N
1 X
Pj dVj
mcv j¼1

variation of in-control volume pressure between numerical
values and experimental result (Farzaneh-Gord and Rahbari,
2011) against crank angle. In the numerical study, the suction and discharge pressure assumed constant. In the
experimented case, the volume displaced by the piston is
larger than the amount of air entering into the cylinder during
suction period. As a result for the experimented case, a
decrease in cylinder pressure is expected. This could be seen
in the figure. Similarly, the volume displaced by the piston is
greater than the volume of air discharged through discharge
port for the experimented case during discharge period.
Therefore, an increase in cylinder pressure is expected. Also
volume flow rate and peak pressure are compared in Table 2.
Generally, there are a good agreement between the measured
and numerical values.
The rest of the results presented in this study is for a
compressor with following characteristics: B ¼ 14.5 cm,
S ¼ 10 cm, rs ¼ 2.96 cm, rd ¼ 4.33 cm, ms ¼ md ¼ 0.02 kg,
ks ¼ kd ¼ 16N/mm and Ts ¼ 286 K. The pressure of discharge
plenum and also pressure ratio are considered to be 15 MPa
and 5 respectively. The effects of various parameters are also
investigated in separated sections.

5.1.
Effect of angular speed on compressor operation for
real and ideal gas models
In this section the effect of angular speed on compressor
operation for real and ideal gas models are presented. For each
models the investigated angular speeds are 500, 1000, and
1500 rad s1. The variation of in-control volume pressure and
temperature against crank angle for ideal and real gas models
are shown in Fig. 3(a) and (b). For these figures, the modeling
begins from Top Dead Center (TDC) where cylinder volume is
the same as clearance volume. With motion of piston from
TDC towards bottom (the move towards Bottom Dead Center
(BDC)), cylinder volume is increased and subsequently

(50)

In which N and F are the number of steps and the frequency respectively. Frequency could be obtained as:
F ¼ 2p  u

5.

(51)

Results and discussion

Firstly, for validation the mathematical method in this study,
the results of numerical method have been compared with
available experimental results. Venkatesan et al. (FarzanehGord and Rahbari, 2011) measured in-control volume conditions variation in a single stage, single cylinder reciprocating
compressor for air as the working fluid. Fig. 2 compares the

(47)

Fig. 2 e Comparison between numerical and measured
values (Farzaneh-Gord and Rahbari, 2011) of cylinder
pressure at u ¼ 1800 rpm.

i n t e r n a t i o n a l j o u r n a l o f r e f r i g e r a t i o n 5 6 ( 2 0 1 5 ) 1 8 6 e1 9 7

Table 2 e Comparison between measured (FarzanehGord and Rahbari, 2011) and numerical value of two
points pressure at u ¼ 1800 rpm.

Experimental
(Nagarajan et al., 2009)
Predicted
Error (%)

Peak pressure
(bar)

Free air delivered
(liter min1)

11.58

277.4

11.51
0.6

280.2
1.01

pressure and temperature are decreased. For all angular
speeds, graphs are coincidence until suction valve is opened.
Once suction valve is opened suction process starts. With
increasing the angular speed, the in-control volume pressure
decreases more sharply for each model (Fig. 3(a)). Because less
time for heat lost in high angular speeds, the inecylinder
temperature reaches to higher values (see Fig. 3(b)). Consequently, if values angular speed is higher, the peak of incontrol volume pressure has been increased. Also, there is a
direct relation between increase in angular speed and rise in
discharge temperature. For example, as angular speed increases from 500 to 1500 rad⁄s, the discharge temperature rises
about 11.5 K and 8 K for ideal and real gas respectively.

Fig. 3 e Variation of a) inecylinder pressure and b)
inecylinder temperature vs. crank angle based on different
angular speeds for ideal and real gas models.
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Furthermore, at the same angular speed the in-control volume
temperature of ideal gas is higher than real gas temperature.
Once in-control volume pressure is lower than suction
pressure as such that the force produced by the pressure difference is more than force of suction valve spring, suction
valve will be opened. This causes natural gas flows through
suction valve and enters into cylinder. Suction process continues until force due to pressure difference is balanced by the
force of suction valve spring. Then around BDC, suction valve
is closed. In BDC, piston motion is become backward and
cylinder pressure and subsequently temperature is increased.
When force due to pressure difference (in-control volume
pressure and discharge pressure) is more than force due to
discharge spring valve, discharge valve is opened. This causes
that natural gas flows out through discharge valve. When
piston reaches to the TDC, the compressor completes a whole
cycle.
Fig. 4(a) and (b) show the effects of angular speeds on
suction and discharge valves motion for real and ideal gas
models. The figures illustrate that valves vibration happens at
low crank angle. As the angular speed increases, the valves
opening time increases.
Fig. 5 shows the effect of angular speeds on suction mass
flow rate for real and ideal gas models. With opening suction
valve, the values of mass flow rates become maximum
quickly. Also the figure present that there is backward flow for

Fig. 4 e Variation of a) displacement of suction valve and b)
discharge valve vs. crank angle based on different angular
speeds for ideal and real gas models.
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the mass flow rate and work will be increased. As the density
of the gas is higher for real gas comparing to the ideal gas
model, the mass flow rate that entering control volume is
higher for real gas model, consequently, in-cylinder gas is
higher for real gas model. Higher in-cylinder mass needs more
compressing power which makes the consuming work to be
higher in real gas model comparing to ideal one.

5.2.
Effect of clearance value on compressor operation
for real and ideal gas models

Fig. 5 e Variation of suction mass flow rate vs. crank angle
based on different angular speeds for ideal and real gas
models.

suction valve. As the angular speed increases, the valves
opening time increases.
Fig. 6(a) and (b) present the mass flow rate and work for real
and ideal natural gas models respectively. Based on these
figures, as angular speed increases, the number of cycles is
done by compressor in specific time increases too, therefore

Fig. 6 e Variation of a) Mass flow rate and b) work for
various angular speeds for ideal and real gas models.

Due to different reasons such as the heat expansion of
compressor pieces, exist of clearance in reciprocating
compressor which is unavoidable. The effect of clearance
values on performance compressor, percent of clearances 7,
11 and 15, have been investigated. Fig. 7(a) and (b) present the
variation of in-control volume pressure and temperature
verse to various clearance percentages, for real and ideal gas
models respectively. As it is shown, the lines of pressure in
suction and discharge processes are almost coincidence.
Fig. 7(b) illustrates that the effect of clearance value on
discharge temperature isn't much. For example, temperature
difference of discharge gas between clearances 7% and 15% is
about 1.5 K for real or ideal gas models. As clearance decreases, the temperature of expanded gas is decreased. As an
example, temperature difference of expanded gas between
clearances 7% and 15% just before suction process is 2.5 K.

Fig. 7 e Variation of a) in-control volume pressure and b)
in-control volume temperature vs. crank angle based on
various clearances for ideal and real gas models.
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Fig. 8 shows displacements of suction and discharge valves
according crank angle based on various clearances for ideal
and real gas models. With decreasing clearance, expansion
process ended faster and suction valve is opened sooner
(Fig. 8(a)). Values of clearance influenced on compression
process, as with decreasing clearance values the compression
process ended faster and discharge valve is opened sooner
(Fig. 8(b)).
Fig. 9 presents the variations of suction mass flow rates
against crank angle based on various clearances for ideal and
real gas models. As noted above, in suction valve the backward flow occurs.
Bar charts of mass flow rate and work based on different
clearances for ideal and real gas models are shown in Fig. 10
(a) and Fig. 10 (b) respectively. As shown these figures, the
mass flow rate and work in same clearance for real gas model
is greater than ideal gas model.
Fig. 11 shows the indicated work that natural gas received
in various clearances for ideal and real gas models. Based on
this figure, when clearance is increased, the work per mass is
also increased. Also, the result illustrates that change in
clearance doesn't much effect on indicated work in both gas
models. Also, based on Fig. 11, the indicated work required for
compressing a given value of natural gas for ideal gas model is
more than indicated work required for real gas model. As the
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Fig. 9 e Variation of suction mass flow rate vs. crank angle
based on different clearances for ideal and real gas models.

indicated work is calculated by dividing work to one cycle
mass flow rate, The indicated work in real gas model is slightly
higher than the ideal gas model.

5.3.
Effect of pressure ratio on compressor operation for
real and ideal gas models
In this section the effects of pressure ratio on compressor
performance for real and ideal gas models have been studied.

Fig. 8 e Displacement of a) suction valve and (b) discharge
valve vs. crank angle based on various clearances for ideal
and real gas models.

Fig. 10 e Variation of a) Mass flow rate b) work based on
different clearances for ideal and real gas models.
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Fig. 11 e Variation if indicated work for various clearances
for ideal and real gas models.
Fig. 12 (a) and (b) show effects of pressure ratio on mass flow
rate and work respectively. The effect of pressure ratio is done
for both real and ideal gas models. According to Fig. 12, as
pressure ratios increases, mass flow rate and subsequently
work are reduced for both real and ideal gas models.
Fig. 13 shows the indicated work for various pressure ratios. According to Fig. 13, as pressure ratio increases, the work
required for compressing unit mass increased for both real
and ideal gas assumptions. Based on this figure, the indicated
work that required for compression in ideal gas model is more
than real gas model.

Fig. 12 e Variation of a) Mass flow rate and b) work for
various pressure ratios for ideal and real gas models.

Fig. 13 e Variation of indicated work for various pressure
ratios for ideal and real gas models.

6.

Conclusion

Reciprocating compressors are used extensively in industry
due to their ability to high pressure ratio achievement. One of
the most important applications of these compressors is in
CNG fueling station. Comprehension the demeanor of the
reciprocating compressors and investigating influences of
different parameters are fascinating topics. The numerical
simulating is proved to be an effective tool to investigate
performance of these compressors based on ideal and real gas
models.
The first law of thermodynamics and mass balance equation has been used as theoretical tools to study performance
of one stage CNG reciprocating compressors. For real gas
model, the required thermodynamic properties of natural gas,
as fluid working, have been computed using AGA8 Equation of
State (EOS) and thermodynamics relationships. For real and
ideal gas models, the simulation predicted in-control volume
pressure and temperature and valves motions for various
crank angles. The mass flow rate, work and indicated work are
also calculated. The results from the presented model have
been validated against the previous measured values and
good agreement has been obtained. The effects of different
parameters on the performance of the compressors as angular
speed, clearance and pressure ratio have been studied.
The results show that for ideal and real gas models, as
angular speed increases, the in-control volume temperature
increases too. The valves vibration occurs at low crank angle
and as the angular speed increases, the valves opening angle
increases. There is backward flow for suction valve during
each cycle. Clearance value doesn't much effect on indicated
work and so necessary work for compressing a given value of
gas in various clearances is almost fixed.
The results also show as pressure ratio increases, the mass
flow rate and subsequently work are reduced for both real and
ideal gas models, while indicated work per unit mass
increases.
Based on results, in same condition, (identical angular
speed, clearance and pressure ratio) the in-control volume
temperature for ideal gas model is more than real gas models.
Also the mass flow rate and work for real gas model, is greater

i n t e r n a t i o n a l j o u r n a l o f r e f r i g e r a t i o n 5 6 ( 2 0 1 5 ) 1 8 6 e1 9 7

than ideal gas model. On the other hand, the indicated work
that required for compression in ideal gas model is higher
than real gas model.
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